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Abstract: Worm gears used for power transmission commonly consist of a steel worm running
against a bronze or phosphor bronze worm wheel. The wheel teeth are usually manufactured
using an ‘oversize’ hob so that the initial elastic contact between the teeth is in the form of
an ellipse with lubricant entrainment predominantly in the major axis direction. As a result
of this unfavourable contact geometry, the lubricant ﬁlm generated between the worm and
wheel teeth is relatively thin. The kinematic conﬁguration is close to that of simple sliding as
the velocity of the wheel tooth surface relative to the nominal contact point is very low in com-
parison with that of the worm. The combination of poor ﬁlm forming, high sliding and a soft
gear material (to avoid scufﬁng) leads to the continuous wear seen in these gears.
The article presents results obtained using amodel for the prediction of wear for this conﬁgur-
ation based on the well-known Archard wear law extended to take the variation of pressure and
ﬁlm thickness over the contact area into account in determining the wear rate. The pressure and
ﬁlm thickness distributions are obtained from elastohydrodynamic lubrication (EHL) modelling
of the contact over the meshing cycle. Wear patterns are presented corresponding to different
ﬁlm thickness sensitivities in the wear formula, and these predictions, together with the calcu-
lated increase in backlash due to wear, give a basis for calibrating the model against experimen-
tal wear tests.
Keywords: worm gears, wear model, elastohydrodynamic lubrication (EHL)
1 INTRODUCTION
Worm gears are possibly unique among gear power
transmission systems in that the geometry of the
load bearing areas of the teeth is changed continu-
ously by wear processes during the lifetime of the
gear pair. The conﬁguration adopted for the current
study is the most common one for power trans-
mission applications: a steel worm component
meshing with a phosphor bronze gear wheel. Gears
of this form are usually manufactured with an ‘over-
size’ hob that gives a contact that occurs at a point
rather than a line under zero load, so as to obtain
beneﬁts in hydrodynamic lubrication and to avoid
contact areas that reach the physical edges of the
meshing components. The kinematic action of
worm gears means that the wheel component is
almost stationary relative to the contact point, and
the formation of an elastohydrodynamic lubrication
(EHL) ﬁlm is therefore mainly due to the simple slid-
ing motion of the worm. Consequently, the wheel
component is subject to wear because of the sliding
action of the worm over its surface. The steel worm
also experiences wear but it is found, in practice,
that this occurs at a much lower rate than that
found in the wheel. The bronze teeth of the wheel
are able to sustain this aggressive lubrication
regime without scufﬁng, and their steady loss of
material due to wear is recognized as an inevitable
feature of these gears. Indeed, the extent to which
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material has been lost is assessed during mainten-
ance inspections by measuring the increase in back-
lash, and this change is monitored until its extent
indicates that wheel tooth strength is compromised.
During operation of the gears, there is an initial
period of relatively rapid wear that is usually referred
to as bedding in. During this phase, the actual con-
tact area of the teeth under load increases thereby
reducing the (average) contact stress levels. After
bedding in has occurred, the gear pair tends to
wear at a lower, reasonably steady, rate for the
remainder of its life cycle. This steady wear rate can
be inﬂuenced by a number of operating factors and
effectively determines the lifetime of the gear mesh.
The gear surfaces are able to sustain the high levels
of sliding to which they are subjected because of the
EHL mechanism that can generate a lubricant ﬁlm to
separate the surfaces. This is the lubrication mechan-
ism that protects the contacting surfaces of most gear
pairs, but ﬁlm forming in worm gears is far from opti-
mal. The contact area over which the load is carried
tends to be a long thin ellipse, which for some designs
can be distorted into a banana shape because of the
enveloping nature of the surfaces. Such a conﬁgur-
ation could yield relatively thick lubricant ﬁlms, if
lubricant entrainment was in the direction of the
minor axis, i.e. across the contact area. Unfortunately,
this is not the case as the sweeping action of the worm
ensures that entrainment is effectively along themajor
axis of the contact ellipse. The authors have previously
examined the ﬁlm forming capability of a large
number of worm gear designs [1, 2] based on a full
EHL analysis (including thermal effects), and this
study identiﬁed locations of particularly severe ﬁlm
thinning within the contact area because of the
unfavourable kinematic action of the gears.
This article presents the means by which the EHL
ﬁlm forming analysis has been incorporated into a
wear model of the tooth contact pair. The wear rate
is determined at each point on the wheel tooth sur-
face taking the EHL pressure and ﬁlm thickness
into account in a generalized wear formula. Inte-
gration of the wear rate over the meshing cycle
then determines the tooth wear per wheel rotation.
The wear is not uniform and modiﬁcation of the
effective contact area takes place. This effect of
wear on wheel tooth geometry is taken into account
in the model by recalculating the EHL ﬁlm and
pressure distributions at the end of a series of wear
stages and incorporating the calculated change in
wheel tooth shape into the subsequent calculations.
2 THEORY
The shape of the surfaces of the teeth of the gears is
obtained from a ‘cut and mesh’ worm gear contact
model developed by Fish and Munro [3]. This analy-
sis considers a series of positions of the worm gear
and for each worm position, the wheel is brought
into contact with it in a geometric model. This pro-
cess establishes the point of contact under zero
load and the direction of the common normal at
the contact point. The position of a series of points
on the surface of the worm and the wheel tooth is
obtained and these are ﬁtted with a high-order poly-
nomial of the tangent plane co-ordinates. The poly-
nomials are taken to describe the initial shapes of
the contacting surfaces for the subsequent EHL
analysis.
Figure 1 presents a schematic view of the contact
area between the worm and wheel tooth. The area
of potential contact is delimited by arc AB that is
the outer radius of the worm tooth surface, wheel
tooth facewidth boundaries AC and BF, and the
outer radius of the wheel tooth, CF. Arc DE within
boundary CF corresponds to the recess or ‘throat’
present in the central part of the wheel tooth that
accommodates the core diameter of the worm. The
lubricant entrainment vectors (mean velocity of the
two surfaces relative to their instantaneous contact)
are indicated schematically by the curved arrows.
Because of the dominance of the worm motion rela-
tive to the contact, entrainment is essentially along
circular arcs centred on the worm axis. By use of an
‘oversize’ hob and careful adjustment of its offset
and axis of inclination during manufacture of the
wheel it is possible to achieve an elastic contact
between the teeth of both required length and pos-
ition within the potential contact area. This approach
is used by manufacturers to avoid damaging edge
contact and also, by placing the contact towards
the exit side of the wheel tooth, aims to give an ade-
quate converging inlet sweep to the contact for the
generation of an EHL ﬁlm. A typical contact area is
shown schematically in Fig. 1.
The model of EHL in a worm gear contact pre-
sented in this paper is based on the Reynolds
equation, which quantiﬁes hydrodynamic action,
together with an analysis of local elastic deformation
Fig. 1 Schematic diagram of the worm/wheel tooth
contact area delimited by worm outer radius
AB, wheel face boundaries AC and BF, wheel
outer radius CF, and throat recess DE
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arising from lubricant pressure. The kinematic con-
ditions in worm gears are such that the entraining
and sliding velocities vary both in magnitude and
direction over the contact region. These effects are
signiﬁcant in the way they inﬂuence ﬁlm generation
and are therefore taken into account. A further
important effect that must be included is that of
non-Newtonian effects at high rates of shear arising
from sliding within the contact. The formulation of
a simultaneous numerical solution to the Reynolds
and elasticity equations under these conditions is
as follows. The authors have shown elsewhere [1, 4]
that it is necessary to formulate the lubricant ﬂow
behaviour in the local sliding and non-sliding direc-
tions, and this leads to the Reynolds equation of the
form
@
@x
D cos2 bþ C sin2 b  @p
@x
 
þ @
@y
D sin2 bþ C cos2 b  @p
@y
 
þ @
@x
D Cð Þ cosb sinb @p
@y
 
þ @
@y
D Cð Þ cosb sinb @p
@x
 
¼ @
@x
rU^h
 
þ @
@y
rV^ h
 
(1)
Axes x and y are the principal axes of relative
curvature in the tangent plane at the contact point.
Parameters D and C are the ﬂow factors in the sliding
and non-sliding directions [1, 4], and b is the angle
between the local sliding direction and the x-axis.
The other equation to be solved in the EHL system
is the surface deﬂection equation. This is formulated
in the differential form pioneered by Holmes et al. [5]
@2h(xi, yj)
@x2
þ @
2h(xi, yj)
@y2
¼ @
2f
@x2
þ @
2f
@y2
þ 2
pE 0
X
all k,l
fki,lj pk,l (2)
This formulation has the advantage that the pressure
inﬂuence coefﬁcients fi,j decay rapidly as the indices i
and j increase from zero, and this allows the
equations effectively to be solved simultaneously in
the computing algorithm. The means by which
these equations are solved is described in detail in
references [1, 2, 5].
The wear rate is determined using the well-known
Archard wear formula [6, 7] which is adapted to take
the variation of pressure and ﬁlm thickness into
account in the form
Wear rate ¼ K
H
pus
Ra
h
 	n
(3)
Incorporating the local pressure in this way was
used by Medina and Olver [8] in a study of spline
contacts. The local sliding speed, us, takes on the
role of sliding distance in the Archard wear formula
when expressed in terms of wear rate (m/s) in this
way. Modelling of wear in a lubricated situation is
clearly dependent on the level of ﬁlm thickness,
and in equation (3), this is normalized to the surface
roughness of the worm component. The sensitivity of
the wear rate to ﬁlm thickness is controlled by the
power parameter n, which is regarded as disposable
in the current study. In the overall empirical wear
calculation included in relevant standards for worm
gears [9], this power is speciﬁed as 2.24 which gives
a wear rate when h/Ra ¼ 0.2 of some 40 times that
when h/Ra is unity.
Solutions to the previous equations are obtained at
a sequence of meshing positions over the meshing
cycle. The results for one such calculation with the
‘as manufactured’ geometry are given in Fig. 2 and
are presented in terms of the tangent plane axes
Oxy. The ﬁgure shows the contours of pressure and
lubricant ﬁlm thickness obtained by solving
equations (1) and (2). Also shown is the instan-
taneous wear rate obtained by applying equation
(3) to the solution for p and h. The contacts between
worm gear teeth are heavily loaded in EHL terms [2].
This can be seen in Fig. 2 where the 50 MPa pressure
contour is contained within the 1 mm ﬁlm thickness
Fig. 2 Contours of (i) pressure/GPa, (ii) ﬁlm
thickness/mm, and (iii) calculated wear rate/
nm s21 obtained from an EHL solution at one
point in the meshing cycle of a worm gear.
Note that the y-axis is scaled by a factor of two
to aid clarity
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contour showing that there is very little pressure gen-
eration outside the corresponding dry contact area,
which is contained within this 1 mm contour. The
aspect ratio of the contact is about 15:1 and this
has been distorted in the ﬁgure by a factor of two
for clarity. The lubricant speciﬁed for the analysis is
Mobil SHC632 gear oil used in experimental wear
studies associated with this research. Its absolute vis-
cosity at 60 8C is taken as h ¼ 0.093 Pa and its
pressure viscosity coefﬁcient is a ¼ 14.2 GPa21. The
central ﬁlm thickness value is about 0.45 mm, and
there are two regions of particularly thin ﬁlm where
values as low as 0.15 mm occur. These are the well-
known side restrictions that appear in EHL oil ﬁlms
for elliptical contacts. In this case they are distorted
by the sweeping entrainment velocity pattern [2]
into the two thin ﬁlm areas indicated in Fig. 2(ii).
The rapid increase in ﬁlm thickness seen in the top
right corner of Fig. 2(ii) occurs at the outer radius
of the worm component that is speciﬁed as a reliev-
ing radius of 40 mm.
When the contact occurs near the root of the wheel
tooth its behaviour is essentially Hertzian and the
area of dry contact can be established from a semi-
inﬁnite body analysis, as is inherent in the EHL
solution scheme referred to above. As the contact
moves towards the tip of the wheel tooth, however,
the area of contact becomes longer and narrower,
in practice, than that predicted on the basis of a
semi-inﬁnite body elastic analysis. This is due to
the fact that tooth bending ﬂexure under load inﬂu-
ences the stiffness of the tooth in a non-uniform
way with the tooth being stiffest at its centre and
least stiff at the limits of its face width. A correction
to the geometry is therefore introduced to ensure
that the semi-inﬁnite body treatment of elastic
deﬂection embedded in the EHL analysis takes due
account of this effect. This correction is applied in
the form of a curvature change in the axial direction
of the tooth, which is adjusted for each mesh pos-
ition so as to obtain dry contact areas that coincide
with those calculated on the basis of the tooth stiff-
ness ideas described in references [3, 10, 11].
During the meshing cycle, the calculated wear pat-
tern changes continuously and the area of high wear
sweeps across the wheel tooth from its tip to its root
(assuming that the worm is driving the wheel).
Figure 3 shows the calculated wear rates obtained
from EHL analysis as described earlier at six distinct
contact positions over the meshing cycle. In Fig. 2,
the wear rate contours are depicted in the tangent
plane axes. These axes are different for each contact
position considered. In Fig. 3, the calculated wear
rates are presented in a projection plane perpendicu-
lar to the wheel axis as illustrated schematically in
Fig. 1 and described earlier. In this and similar
ﬁgures, the xy plane is perpendicular to the worm
rotational axis. The y axis passes through the
rotational axes of both worm and wheel, and is per-
pendicular to both. To determine the material
removal for the whole tooth during a complete
meshing cycle, the wear rate patterns illustrated in
Fig. 3 are integrated over the meshing cycle by a pro-
cess of interpolation and summation described in
reference [12]. For this calculation the worm is con-
sidered at a series of equally spaced rotational pos-
itions which for a steady rotational speed are
equally spaced in time. EHL calculations are carried
out for each of these positions and the wear rate
established from equation (3) as described earlier
and illustrated in Fig. 3. The time integration required
is carried out over 10 timesteps between each of the
mesh positions for which an EHL analysis is under-
taken. The wear at each of these timesteps is obtained
by interpolating between successive wear rate calcu-
lations. The integration is thus from the beginning to
the end of the meshing cycle and a typical result is
shown in Fig. 4 where the contours plotted are those
of the depth ofmaterial removed permeshing cycle, d.
The amount of material removed during a single
meshing cycle, in practice, is clearly very small and
depends on the wear coefﬁcient, K. For this study,
the (dimensionless) value of K was taken as
Fig. 3 Contours of wear rate calculated at a series of
meshing positions on the wheel tooth surface.
For each meshing position the contours
shown are 25, 50, 100, 200, 250, 375, and
500 nms21. Solid curve indicates path of
nominal contact point (under unloaded
conditions) over the meshing cycle
Fig. 4 Contours of d/nm showing calculated wheel
tooth wear over a single meshing cycle
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2.5  1028, H for the wheel tooth was taken as 1 GPa,
and the Ra value used was 0.5 mm. For the case con-
sidered the maximum wear depth in one meshing
cycle is then 1.1 nm. Until such time as the accumu-
lated wear from one meshing cycle to the next has
made a signiﬁcant change to the shape of the con-
tacting surfaces, the amount of material removed
during each successive meshing cycle will be the
same and will be distributed over the tooth surface
in the same way. Clearly this process cannot con-
tinue indeﬁnitely as the tooth shape will gradually
change with running time, and the way in which
the pressure and ﬁlm thickness are generated will
also change. It is thus necessary to introduce the
concept of a wear time step. This is the time, DT,
for which the underlying geometrical shape is not
signiﬁcantly changed, and the wear rate per meshing
cycle can be assumed to be unchanged. The relation-
ship between the wear step time and real time is
linear as the wear coefﬁcient is an unknown, con-
stant quantity that needs to be determined exper-
imentally. It is thus possible to scale the data so
that the maximum wear depth is a particular
amount, say Dw. The wear step will then correspond
to the real time in which a maximum of Dw is
removed from the wheel by the wear process. For
this article we take DT such that Dw ¼ 8.5 mm. This
corresponds to 7500 meshing cycles for the par-
ameter values adopted. The worm rotational speed
is 1200 r.p.m. and the gear ratio is 30 so that these
meshing cycles occur in approximately 3 h.
Figure 4 shows that the wear rate is highest near the
root of the wheel tooth. This is because the sliding
speed, which is proportional to the radial distance
from the worm’s axis of rotation, is greatest at the
outer part of the worm ﬂank that makes contact
with the root of the wheel tooth. A further factor
that affects the wear is the shape of the elastic contact
that becomes longer and narrower as the contact
progresses towards the tip of the worm. This leads
to higher pressures being generated in the contact
together with thinner oil ﬁlms as the shape of the
contact becomes progressively elongated [2]. All
these effects: higher sliding, higher pressure, and thin-
ner ﬁlms, lead to higher wear rates predicted by
equation (3) and this explains the wear rate distri-
bution seen in Fig. 4. To complete the cycle of model-
ling of the wear process, the material removal taking
place in the wear stage is fed back into the calculation
as a change to the underlying (undeformed) geome-
try, and the various calculation steps are then
repeated on the basis of this new geometry.
The wearmodel thus consists of the following steps.
1. Determine the initial geometry of worm and
wheel, and position of the contact points over
the meshing cycle.
2. Carry out an EHL analysis at a sequence of mesh
positions equally spaced in time during the
meshing cycle. Determine the instantaneous
wear rate for each point on the wheel tooth
using equation (3).
3. Calculate the amount of material removed at
each point on the wheel tooth during a single
meshing cycle by integration in time. Scale
these data by the number of meshing cycles
occurring during the wear step to calculate the
material removed over the tooth surface during
the step.
4. Modify the undeformed geometry of the wheel
tooth to take account of material removal. This
completes the wear step.
5. Repeat from step 2 to determine the wear over the
next wear cycle.
4 RESULTS
Sharif et al. [12] have considered a range of wear
steps DT corresponding to Dw values of up to
20 mm. If the value of Dw is too large (greater than
16 mm for the case considered) the wear modelling
process as described earlier becomes unstable. This
instability is caused by an excessive change in geo-
metry causing large changes in the EHL solutions
obtained and thus in the wear rate calculated. Pro-
vided that Dw is below this threshold the modelling
process is stable. By using a range of constant wear
steps DT it is also shown in [12] that the calculated
wear after several wear stages is independent of
wear step size with the only signiﬁcant differences
being seen at the start of the process. This conclusion
naturally leads to the less computationally demand-
ing approach of determining the wear stage length in
terms of the maximum material removal. Figure 5
compares the maximum wear rate calculated using
(i) ﬁxed wear stages DT corresponding to an initial
maximum material removal depth of 8.5 mm, (ii)
wear stages of duration DT/2, and (iii) wear stages
with a ﬁxed value of Dw, Dw ¼ 4 mm. As the intensity
of the localization of the peak wear rate reduces
during the initial wear stages, the constant Dw
approach leads to increasingly large wear steps in
terms of the wear time that they represent. Figure 5
shows that the processes are the same as far as the
maximum calculated wear rate is concerned, which
is a sensitive parameter in making this comparison.
Figure 6 shows a comparison between the wear rate
calculated at time 5DT using these three approaches.
(In this and similar ﬁgures, the wear rate is expressed
in terms of the material removed in time DT).
Figure 7 shows the same comparison for the total
accumulated wear at time 6DT in the wear process.
Both ﬁgures demonstrate the equivalence of the
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two approaches, and consequently the constant Dw
method is adopted as it is less computationally
demanding for general use.
As the calculated wear process continues the area
of the wheel tooth surface over which the load is car-
ried (in the sense of high pressures and thin oil ﬁlms)
increases, and the contact area at any meshing
position becomes longer and thinner. As a result,
the contacts that were initially conﬁned to approxi-
mately themiddle third of the available tooth contact
area as shown in Fig. 3, spread until they reach one or
more of the boundaries of the available contact area
illustrated in Fig. 1. This causes numerical difﬁculties
in the EHL calculation due to the contact running off
the edge of the available wheel tooth. To deal with
these difﬁculties, a process of deﬁning the edges of
the tooth components with relieving radii has been
adopted. Figure 8 shows the result of an EHL calcu-
lation for this situation where the contact has
reached and crossed boundary AB in Fig. 1. The
worm tip is deﬁned by a relieving radius that is
chosen so that the pressure generated beyond
the boundary AB is trivial in comparison with the
values obtained within the tooth contact. For the
case presented in Fig. 8 this relieving radius is
40 mm.
If a smaller relieving radius is chosen then the
results tend to produce a pressure concentration on
the boundary AB together with direct contact
between the surfaces. This is because the entrain-
ment mechanism is weak along that edge which
essentially corresponds to an entrainment stream-
line [2]. This is illustrated in Fig. 9, which was
obtained with a sharper relieving radius of 5 mm.
Contact occurs along the boundary at the arrowed
position in Fig. 9(ii), and a corresponding pressure
concentration develops inboard of this position as
arrowed in Fig. 9(i). It may be noted that the EHL
solver used is capable of dealing with mixed lubrica-
tion conditions where h ¼ 0 at some points within
the computing area [5, 13], but a consequence of
predicted contact is that the wear model of equation
(3) generates an inﬁnite wear rate under these cir-
cumstances. (The wear rate calculation in Fig. 9(iii)
has been limited at the contact points to that which
would occur at a ﬁlm thickness of 1 nm according
to equation (3).) Both the factors that typify the
edge of the contact (high pressure and low ﬁlm thick-
ness) lead to high wear rates and conditions in this
area are taken to change rapidly with localized
wear relieving the pressure generated within the
wear step. If this process is to be modelled in detail
then the wear stages become extremely short in
time, which defeats the object of the model. Numeri-
cal experiments in these circumstances indicate that
the wear associated with the edge concentration is
limited to the location of the edge and does not
make a signiﬁcant contribution to the overall sol-
ution. The process of deﬁning the edge with a reliev-
ing radius carries with it the tacit assumption that
wear at the very edge of the contact will be sufﬁ-
ciently rapid to relieve the stress concentration that
will develop there if the edge is deﬁned by a sharp
change of slope such as a chamfer. Figure 10 shows
Fig. 6 Wear rate/mm DT 21 calculated after wear time
5DT (a) using wear step DT/2, (b) using wear
step DT, (c) using ﬁxed maximum wear steps
Dw ¼ 4 mm
Fig. 5 Variation of maximum wear rate over the
meshing cycle as calculated using different
wear stage times. S: wear time DT, 4: wear
time DT/2, W: maximum wear Dw ¼ 4 mm
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the pressure, ﬁlm thickness, and wear rate contours
obtained without including the edge effects in the
calculation.
Using these numerical techniques, it is possible to
model the situation where the contacts spread over
the whole surface of the wheel tooth. Figure 11
shows the total accumulated wear for the test case
considered where the ﬁlm thickness power is taken
as n ¼ 2.24. This value of n is used for all the results
presented in this article unless otherwise speciﬁed.
Figure 11(i) shows the case where the edge contacts
are incorporated as described earlier. The total
amount of material removed is 2.18 mm3, and the
maximum wear depth is 27.8 mm. Figure 11(ii)
shows the corresponding result without considering
the edge contacts. This comparison shows that the
effect of incorporating the edge is to increase wear,
not at the edges of the contact but in the middle.
This is because taking the edge into account
increases the load carried in the middle of the
tooth. The wear at the edge is seen not to be different
between the two cases on the scale of the maximum
wear occurring on the tooth surface.
Figures of total accumulated wear allow compari-
son between models where the effect of ﬁlm thick-
ness on wear rate has been systematically varied.
Three values of the parameter n controlling the inﬂu-
ence of ﬁlm thickness on wear have been adopted.
The value n ¼ 2.24 is the power included in the
engineering standard [9] for worm gears, and the
other values used are n ¼ 1 and n ¼ 0. (For the case
n ¼ 0, the wear rate depends only on the pressure,
and the ﬁlm thickness has no inﬂuence.) Figure 12
compares the total accumulated wear obtained
with these three models. The basis for the compari-
son is the same total amount of material removed
in the wear model which is 2.18 mm3 as in Fig. 11.
This comparison shows that when the ﬁlm thickness
is inﬂuential in determining wear, then wear is more
prevalent towards the centre of the tooth. This view is
reinforced by the comparison of the corresponding
calculated wear rates at the time that 2.18 mm3 of
material has been removed as shown in Fig. 13.
Fig. 7 Accumulated wear /mm after wear time 6DT
(a) using wear step DT/2, (b) using wear step
DT, (c) using ﬁxed maximum wear steps
Dw ¼ 4 mm
Fig. 8 Contours of (a) pressure/GPa, (b) ﬁlm thickness/mm, and (c) calculated wear rate/nms21
obtained from an EHL solution at wear time 6.7 DT at the meshing position considered in
Fig. 2 with boundaries deﬁned by a relieving radus (40 mm)
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In comparing the wear rates shown in Fig. 13 it
appears that the case of Fig. 13(i) has lower wear
rates. This is because low ﬁlm thicknesses do not
increase the wear rate in this case above that which
corresponds to the pressure, and since each case car-
ries the same load the pressures are of similar order
between the cases shown. The tendency for ﬁlm
thickness dependence to concentrate wear in the
centre of the tooth area is apparent from these
wear rate comparisons. Figure 14 shows sections
taken parallel to the x-axis for the accumulated
wear surfaces of Fig. 12. These sections emphasise
the differences in the accumulated wear patterns,
and information of this sort can be compared to
experimental measurements of the wear proﬁle to
establish the appropriate level of the ﬁlm thickness
power, n, in the wear formula.
To gauge the effect of wear on the EHL calcu-
lations, Figs 15 and 16 compare the pressures and
ﬁlm thicknesses obtained at a particular mesh pos-
ition when the same amount of material has been
removed with each of the three n values adopted.
Figure 15 compares the pressure distributions. For
the case with n ¼ 0, the pressure developed tends
towards a uniform distribution across the tooth.
The pressure distribution for the case with n ¼ 2.24
shows two centres of high pressure in the inlet and
exit part of the contact with much lower pressures
in the central part where the ﬁlm thickness is par-
ticularly low. The case with n ¼ 1 is intermediate
Fig. 9 Contours of (a) pressure/GPa, (b) ﬁlm thickness/mm, and (c) calculated wear rate/nms21
obtained from an EHL solution at wear time 6.7 DT at the meshing position considered in
Fig. 2 with boundaries deﬁned by a sharp relieving radius of 5 mm. Arrows indicate
position of contact and associated pressure spike
Fig. 10 Contours of (a) pressure/GPa, (b) ﬁlm thickness/mm, and (c) calculated wear rate/nms21
obtained from an EHL solution at wear time 6.7 DT at the meshing position considered in
Fig. 2 with no change of curvature at boundaries
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with two centres of high pressure (but lower than
seen in Fig. 15(i)) and a reduced pressure saddle
area towards the middle of the contact. The ﬁlm
thickness distributions illustrated in Fig. 16 are very
similar, particularly so in the cases of n ¼ 1 and
n ¼ 0. For the case with n ¼ 2.24, the interaction
between thin ﬁlm conditions and high wear rates
has modiﬁed the thin ﬁlm pattern. Material is being
removed relatively rapidly in the location of the
thinnest ﬁlms and this remains the case until the
pressure falls in that area as a result of the material
removed. This mechanism (high dependency of
wear on ﬁlm thickness) will continue to erode the
central part of the tooth until the load is carried on
the outer thirds of its extent where the entrainment
mechanism is more effective in generating oil ﬁlms.
Figure 17 is a photograph of a worm wheel tooth
showing two of the teeth taken from endurance test-
ing carried out at Renold gears. The wheel is shown
with the tips of the teeth pointing downwards with
the throat area of each tooth in the foreground. The
gears were subject to 1200 h of test running in an
accelerated wear test at 180 per cent overload. The
area of greatest wear is identiﬁed and can be seen
to correspond qualitatively to that emerging from
the calculations as shown in Fig. 12. The wear pattern
is the same for both the teeth shown but it should be
noted that the root portion of the lower tooth in the
ﬁgure is hidden by the upper tooth.
A further comparison that can be made is with the
results of the wear model developed by Egorov and
Fig. 11 Accumulated wear/mm when total material
removed is 2.2 mm3 (a) with boundaries
deﬁned by relieving radius of 40 mm, (b)
where there is no change in curvature at the
boundaries
Fig. 12 Accumulated wear/mm when total material
removed is 2.2 mm3 with boundaries deﬁned
by relieving radius of 40 mm, (a) n ¼ 2.24, (b)
n ¼ 1, (c) n ¼ 0
Fig. 13 Calculated wear rate/mm DT 21 when total
material removed is 2.2 mm3 with boundaries
deﬁned by relieving radius of 40 mm, (a)
n ¼ 2.24, (b) n ¼ 1, (c) n ¼ 0
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Morrish [14] as part of the same research project. The
wear rate in this model is based on local pressure
only and that pressure is calculated from simple can-
tilever stiffness calculations along the tooth. Its
advantage is that it can run rapidly and incorporates
dynamic evaluation of load share between simul-
taneously contacting pairs of teeth during the wear
calculation. Figure 18 shows the result of the
Egorov and Morrish model for the test case used in
the current paper and is produced to correspond to
the same degree of wear in terms of material
removal, as is presented in Fig. 12. The appropriate
comparison is with the result presented in
Fig. 12(iii) for which the wear rate formula used in
both approaches correspond. The results shown in
contour form in Fig. 18 are also included in the
wear proﬁles of Fig. 14 (curves d). Figure 18 shows
closed contours at the outer worm radius whereas
the contours in Fig. 12 remain open to the boundary.
This difference and those in the proﬁles in Fig. 14 are
due to the differences between the load share proﬁles
adopted in the models. It is intended that the tech-
nique developed by Egorov and Morrish will be
extended to incorporate a ﬁlm thickness dependence
in due course.
5 DISCUSSION AND CONCLUSIONS
A theoretical model of wear in worm gears has been
developed. The treatment is based on an EHL analy-
sis that reveals the detailed distribution of pressure
and ﬁlm thickness in the contact between the gear
teeth, together with the use of a modiﬁed Archard-
type wear law to calculate the rate of material
removal under low lambda-ratio conditions. The
pattern of predicted wear on the wheel tooth shows
that the way in which ﬁlm thickness is assumed to
inﬂuence wear has a dominant effect on the
amount of wear taking place. It is therefore suggested
that to predict wear in practice it is necessary to
determine the relation between wear rate and ﬁlm
thickness in simple wear experiments using the
gear materials concerned.
In general, it is found that a high sensitivity of wear
to ﬁlm thickness has the effect of concentrating the
wear at the middle part of the wheel tooth area. In
Fig. 14 Accumulated wear proﬁles at position (i)
y ¼ 20 mm and (ii) y ¼ 24 mm in Fig. 12: (a)
n ¼ 2.24, (b) n ¼ 1, (c) n ¼ 0, (d) in Fig. 18
Fig. 15 Contours of pressure/GPa a particular mesh position when total material removed is
2.2 mm3 (a) n ¼ 2.24, (b) n ¼ 1, (c) n ¼ 0
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this region the contact is subject to severe ﬁlm
thinning due to poor hydrodynamic entrainment
conditions. The modiﬁcation of the tooth surface
geometry brought about by wear does not necess-
arily relieve this situation, and poor ﬁlm generation
continues to characterize this part of the tooth sur-
face. Wear continues in this area until sufﬁcient
material is removed to relieve the pressure locally
and thereby reduce the rate of wear. This character-
istic behaviour has the effect of effectively splitting
the contact area into two separate load bearing
regions, one on either side of a high-wear central
band.
In less aggressive cases (i.e. smaller values of n)
where thin ﬁlms do not produce severe local beha-
viour the tendency is for the development of a
more uniformly distributed wear pattern that leads
to a sharing of load across the whole of the tooth.
This effect is clearly demonstrated, for example, in
Fig. 15 in which the EHL pressure is seen to be
almost constant across the contact. It is not possible
to disassociate the wear model from the changes that
wear will produce in the load share pattern between
successive teeth.
It is suggested that, when used in conjunction with
data from simple wear experiments in which the
inﬂuence of ﬁlm thickness (or lambda ratio) on
wear rate is determined, the model presented here
and in reference [12] can be used as a practical aid
for predicting wear in worm gears. The EHL model-
ling at the heart of the current study is necessarily
time consuming and to obtain a rapid analysis and
design tool there are clear advantages to developing
Fig. 16 Contours of ﬁlm thickness/mm at a particular mesh position when total material
removed is 2.2 mm3 (a) n ¼ 2.24, (b) n ¼ 1, (c) n ¼ 0
Fig. 18 Contours of wear/mm produced by tooth
ﬂexure load share model without any ﬁlm
thickness dependence [14] which is a
comparable case to Fig. 12 (iii)
Fig. 17 Photograph of a worm wheel tooth from
endurance testing carried out at Renold
Gears. These gears had run for 1200 hours in
an accelerated wear test at 180% overload.
The area of greatest wear is identiﬁed and
can be seen to correspond qualitatively to
those emerging from the calculations as
shown in Fig. 12. Note that the wear pattern
is the same for both the teeth shown but that
the root of the lower tooth in the ﬁgure is
hidden by the upper tooth
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means of parameterizing its input to the wear calcu-
lation within the framework of the approach adopted
in reference [14].
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APPENDIX
Notation
C, D ﬂow parameters in Reynolds equation (ms)
f pressure inﬂuence coefﬁcient in differential
deﬂection equation (m21)
h lubricant ﬁlm thickness (m)
H wheel tooth hardness (Pa)
K wear coefﬁcient
n ﬁlm thickness parameter in wear formula
p lubricant pressure (Pa)
Ra roughness average (m)
us sliding velocity i.e. relative velocity of
surfaces (ms21)
U^ ; V^ entrainment velocity in x- and y-axis
directions (ms21)
W load (N)
b angle between sliding direction and x-axis
d depth of material removed during one
meshing cycle (m)
DT wear step over which wear rate is assumed
unchanged (s)
Dw maximum depth of material removed
during wear step DT (m)
f gap between undeformed surfaces (m)
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